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Various joining processes are shown in Fig.1.3.9.

[J oining processes]
£~ A & 3\
Welding Riveting
. J . S
4 ) e 3\
Brazing Screw fastening
\. J \.

J

Fig. 1.3.9 Joining processes



The surface finishing processes are given below (Fig.1.3.10),

[ Surface finishing processes J

Grinding { Honing
Lapping [ Buffing

[ Electroplating ]

Fig. 1.3.10 Surface finishing processes



The non-conventional machining processes are as follows (Fig.1.3.11),

[ Non-conventional machining processes ]

[Ultrasonic Machining Laser Beam Machining ]

J .

~

[Electrochemical Machining Chemical .\'Iachining]

[Abrasive jet Machining}

Fig. 1.3.11 Non conventional machining processes


















The design of the hinge depends on the stresses developed due to the reaction
forces at A. A closer look at the arrangement would reveal that the following

types of stresses are developed in different elements:

Lever arms AB and AC - Bending stresses
Hinge pin - Shear and bearing stresses.
Spring - Shear stress.

It is therefore important to understand the implications of these and other simple
stresses. Although it is more fundamental to consider the state of stress at a
point and stress distribution, in elementary design analysis simple average
stresses at critical cross-sections are considered to be sufficient. More
fundamental issues of stress distribution in design analysis will be discussed later

in this lecture.









However, if we consider the stresses on an inclined cross-section B ( figure-
2.1.2.3) then the normal stress perpendicular to the section is

_ Pcosb :Ecose, B =A4/cos6

G, =
A/cos® B
and shear stress parallel to the section
_ Psmn6
A/cosB

Pe—— R0 - . p

2.1.2.3 - Stresses developed at an inclined section of a bar subjected to tensile
loading.



Bearing stress

When a body is pressed against another, the compressive stress developed is
termed bearing stress. For example, bearing stress developed at the contact
between a pillar and ground (figure- 2.1.2.4a)is o, =§ , at the contact
surface between a pin and a member with a circular hole (figure- 2.1.2.4b)

is Oy, = P and at the iaTces of a rectangular key fixing a gear hub on a shaft

(figure- 2.‘1‘?2.4c) iS Gy =——
ald

P
Pillar
° Area of ?
cross-section s

(a) (b)

2.1.2.4 - The bearing stresses developed in pillar and machine parts.

The pressure developed may be irregular in the above examples but the
expressions give the average values of the stresses.



Shear stress

When forces are transmitted from one part of a body to other, the stresses
developed in a plane parallel to the applied force are the shear stresses ( figure-
2.1.2.5) and the average values of the shear stresses are given by

=z,
2A

P . . .
T= = in single shear Ti= in double shear

Shear area A

P U e

To—
re—] 11 »P P 1|l =

% N

2.1.2.5 - Stresses developed in single and double shear modes




In design problems, critical sections must be considered to find normal or shear
stresses. We consider a plate with holes under a tensile load (figure-2.1.2.6) to
explain the concept of critical sections.

D C B A
H, H, =
— P é%; @; 'z
D *C B A

2.1.2.6 - The concept of critical sections explained with the help of a loaded
plate with holes at selected locations.

Let the cross-sectional area of the plate, the larger hole H; and the smaller holes
H, be A, a; a;respectively. If 2a; > a, the critical section in the above example is
CC and the average normal stress at the critical section is

P
:—)0‘1 =
A-2a, A-a,

G, ; assuch A—2a, <A —a,












When bending moment changes along the beam length, layer AC12 for example,
would tend to slide against section 1243 and this is repeated in subsequent
layers. This would cause interplanar shear forces Fy and F, at the faces A1 and

C2 and since the F= J' c,ds force at any cross-section is given by , we may

write A

_M (M+dM)
F = IQ and F, = I Q

Here M and dM are the bending moment and its increment over the length dx

and Q isthe 1°' moment of area about the neutral axis. Since

shear stress across the layers can be given by m and T:B shear force

dx
is given byV=t:£ It
tdx
















































Q.8: In a design problem it is necessary to replace a 2m long aluminium shaft of
100mm diameter by a tubular steel shaft of the same outside diameter
transmitting the same torque and having the same angle of twist. Find the

inner radius of the steel bar if Ga = 28GPa and Gs:= 84GPa.
A.8:

Since the torque transmitted and angle of twist are the same for both the

solid and hollow shafts, we may write from torsion formula

Ty G
t.-uJ.-\l = TSr‘S, and -Al E'_\.l.
Tst St
where 1, J and G are shear stress, polar moment of inertia and modulus of

rigidity respectively. This gives

dg-d; 28 .
———=—and with d, =100mm d, =90.36mm
d, 84
d, 29 d 28 56 14 2.

ok e S Sl S0l WS ot o8

d; 84 d] 84 84 21 3
d, =100 =d,: dg =d, =90,36.































































Q.4: A propeller shaft for a launch transmits 75 KW at 150 rpm and is subjected
to a maximum bending moment of 1TKN-m and an axial thrust of 70 KN.
Find the shaft diameter based on maximum principal stress if the shear
strength of the shaft material is limited to 100 MPa.

A4:
75x10° _ 243
Torque.T = o150 - 4775Nm: then.t = o KPa
60
. . 10.19
Maximum bending moment = IKNm: then, o, = e KPa

A
Axial force = 70KN: then, o= 70, KPa = 89'21' KPa

nd”

4

2 2 243V
Maximum shear stress = J[ 89'1,' - 10'139] +[ '—4:‘—] =100x10’
2d° 2 d

Solving we get the value of shaft diameter d = 63.4 mm.











































































For a typical ductile material as shown in figure-3.1.3.1 (a) there is a definite yield
point where material begins to yield more rapidly without any change in stress
level. Corresponding stress is o, . Close to yield point is the proportional limit
which marks the transition from elastic to plastic range. Beyond elastic limit for an
elastic- perfectly plastic material yielding would continue without further rise in
stress i.e. stress-strain diagram would be parallel to parallel to strain axis beyond
the yield point. However, for most ductile materials, such as, low-carbon steel
beyond yield point the stress in the specimens rises upto a peak value known as
ultimate tensile stress o, . Beyond this point the specimen starts to neck-down
i.e. the reduction in cross-sectional area. However, the stress-strain curve falls till
a point where fracture occurs. The drop in stress is apparent since original cross-
sectional area is used to calculate the stress. If instantaneous cross-sectional
area is used the curve would rise as shown in figure- 3.1.3.1 (a) . For a material
with low ductility there is no definite yield point and usually off-set yield points are
defined for convenience. This is shown in figure-3.1.3.1. For a brittle material
stress increases linearly with strain till fracture occurs. These are demonstrated
in the clipping-3.1.3.2..



























In a 2-D situation if 03 = 0, the criterion reduces to

bl

2 2 2

\2 \
| o] +[22 %2 |1
o, )

ie. | 81 l

o )

o, | O, L
This is an equation of ellipse and the yield surface is shown in figure-3.1.4.5.1 .
This theory agrees very well with experimental results and is widely used for

ductile materials.

3.1.4.5.1 - Yield surface corresponding to von Mises yield criterion.










































































































































D
Considering shear we may write T.b.l; =Twhere Tis the yield shear stress of

the key material, D the shaft diameter and T is torque transmitted. Considering

: ; tl1 D
bearing stress we may write Gy,..——= T

— —

where oy, is the bearing stress developed in the key. Based on these two criteria
key dimensions may be optimized and compared with the standard key

dimensions available in design hand books.
























A1:

27N

The torque transmitted T= Power/ . Substituting power = 5x10°

Watts and N=150 rpm we have T = 318.3 Nm. The torque is transmitted
from the driving shaft to the coupling bush via a pin. The torque path is
then reversed and it is transmitted from the coupling bush to the driven
shaft via another pin. Therefore both the pins transmit a torque of 318.3

Nm under double shear. We may then write T = z.g.dz.ry.g. Substituting

D=0.03 m, ty = 100 MPa and T= 318.3 MPa we have d=11.6 mm = 12

mm.






1y, to be half of the tensile yield stress and substituting the values in

equations (1) and (2) we have wL = 2.19 x 10* m°.

Crushing failure: T = cc.%.

N | A

Taking o¢ to be the same as oy and substituting values in equation (3) we

have
tL= 2.19 x 10 m®. Some standard key dimensions are reproduced in

table- 4.1.4.1:



Shaft
Diameter 30-38 38-44 44-50 50-58 58-65 65-75 75-85
(mm)

Key width, w
10 12 14 16 18 20 22
(mm)

Key depth, t
(mm)

Key length, L
(mm)

22-110 28-140 | 36-160 | 45-180 | 50-200 | 56-220 | 63-250

4.1.41

Based on the standard we may choose w=16 mm. This gives L = 13.6
mm. We may then choose the safe key dimensions as

w=16mm L=45mm t=10mm.






























































































We may now use the empirical relations to find the necessary dimensions

and then check the failure criteria.

di=40 mm t= 50 mm
d> = 80 mm ti= 30 mm;
d; = 60 mm to,= 20 mm;

split pin diameter = 0.25 dy = 10 mm
To check the failure modes:

1. Failure of knuckle pin in shear: P/ [ .‘zgdf ]: t, Which gives ty = 39.8

MPa. This is less than the yield shear stress.

16P['—'+1]
3" 4

7 On substitution
nd,

2. For failure of knuckle pin in bending: o, =

this gives oy, = 179 MPa which is more than the allowable tensile yield

stress of 100 MPa. We therefore increase the knuckle pin diameter to
55 mm which gives o, = 69 MPa that is well within the tensile yield

stress.



3. For failure of rod eye in shear: (d;-d)tt = P. On substitution dy = 55mm

= 80 MPa which exceeds the yield shear stress of 65 MPa. So d;
should be at least 85.8 mm. Let d> be 90 mm.

4. For failure of rod eye in crushing: dito. = P which gives . = 36.36

MPa that is well within the crushing strength of 150 MPa.
5. Failure of rod eye in tension: (d>-d)to: = P. Tensile stress developed at

the rod eye is then oy = 57.14 MPa which is safe.
6. Failure of forked end in shear: 2(d;-di)tjt = P. Thus shear stress

developed in the forked end is T = 47.61 MPa which is safe.
7. Failure of forked end in tension: 2(d,-di)ticy = P. Tensile strength

developed in the forked end is then oy= 47.61 MPa which is safe.
8. Failure of forked end in crushing: 2dtic. = P which gives the crushing

stress developed in the forked end as o. = 42 MPa. This is well within

the crushing strength of 150 MPa.
Therefore the final chosen values of dimensions are:

di= 55 mm t= 50 mm
d> =90 mm ti=30mm; andd =40 mm

d3 = 60 mm to,= 20 mm;





















The sleeve transmits the torque from one shaft to the other. Therefore if d;
is the inside diameter of the sleeve which is also close to the shaft

diameter d (say) and dp is outside diameter of the sleeve, the shear stress

developed in the sleeve is t,.... =—1§—B—‘9—4—— and the shear stress in the
n(dg—d;)
; ‘ 16T g .
shaft is given by 7.5 =7. Substituting yield shear stresses of the
T

1

sleeve and shaft materials for tsieeve and tsnat both di and do may be
evaluated.

However from the empirical proportions we have:

do = 2d; + 12.5 mm and L=3.5d.

These may be used as checks.










































(6) A protecting flange is provided as a guard for bolt heads and nuts. The

thickness t; is less thant, /2. The corners of the flanges should be rounded.

(7) The spigot depth is usually taken between 2-3mm.

(8) Another check for the shear failure of the hub is to be carried out. For this

failure mode we may write

d
nd,t, T 71 =]

where d; is the hub diameter and 1y is the shear yield strength of the flange
material.
Knowing tyr we may check if the chosen value of t; is satisfactory or not.

Finally, knowing hub diameter d;, bolt diameter and protective thickness t,
we may decide the overall diameter ds.

























































































































































































































































































































































ASME code also suggests about the allowable design stress, T ajowabe t0 be
considered for steel shafting,

ASME Code for commercial steel shafting

= 55 MPa for shaft without keyway

= 40 MPa for shaft with keyway
ASME Code for steel purchased under definite specifications

= 30% of the yield strength but not over 18% of the ultimate
strength in tension for shafts without keyways. These values are to be reduced
by 25% for the presence of keyways.

The equations, (8.1.7) and (8.1.8) are commonly used to determine shaft
diameter.





















A is the design point, for which, the stress amplitude is 0, and mean stress is Op,.
In the Soderberg criterion the mean stress material property is the yield point gy ,
whereas in the Gerber and the Goodman criteria the material property is the
ultimate stress o « For the fatigue loading, material property is the endurance
limit, oe In reverse bending. The corresponding equations for all the three above
criteria are given as,

cﬂ clll l
Goodman criterion: + =

c, o, FS

itori C, Sy .l (8.2.1)

Soderberg criterion: — - e = cm—

g, o FS

- FSxo, (FSxo, )

Gerber criterion: - + - =1

Where,

0. = Stress amplitude; o, = Endurance limit; o, = Mean stress; o, = Yield
point;

o = Ultimate stress and FS= factor of safety.

Similar equation (8.2.1) also can be written for the shear stress.

For the design of shaft, it is most common to use the Soderberg criterion. Hence,
we shall limit our discussion only to Soderberg criterion.



Normal stress equation is given as,

c o, FS (8.2.2)

y

multiplying by o_,

Similarly, shear stress equation is given as

Kot T 1

+;ﬂ_=_

T KT, (7
- +T T (8.2.3)

m:f—'sz e

multiplying by t_,
T

In equations (8.2.2) and (8.2.3), to consider the effect of variable load, the normal
stress amplitude, o, is multiplied by the fatigue stress concentration factor, K and
the corresponding term, shear stress amplitude is multiplied by a fatigue stress
concentration factor in shear, Ks.

The physical significance of equations (8.2.2) and (8.2.3) is that, the effect of
variable stress on the machine member (left hand side of the equations), has
been effectively defined as an equivalent static stress. Therefore, the problem is
treated as a design for static loads. Here, o, or T, are equivalent to allowable

2 3

(9] . . .
stress, = or ~ Hereafter, conventional failure theories can be used to

complete the design.















Sample problem

Design a solid shaft of length 1m, P
carrying a load of 5 kN at the center

and is simply supported as shown in

figure. The maximum shaft deflection

is Tmm. E=200GPa.

A
v

I
Solution | I

The maximum deflection of the shaft is given as,

3
i PL
48EI
ad *
where, for a solid shaft, I = —L&
y dos aPL -Mooouooo’
ano %x1x°ooxlo’x1

=57 mm
from standard shaft size.d, = 58 mm

This problem is not a complete one. The magnitude of torque on the shaft is not
specified. The design calculations should be first based on strength, where, both
bending moment and torsion are required. With the given limits of lateral
deflection and angular twist, the design should be checked.










































: .0 .
For axisymmetry about z-axis P 0 and this gives

£+2%=0 (2)

or oz r

In a plane stress situation 1if the cylinder ends are free to expand o, = 0 and due to

uniform radial deformation and symmetry 1, = 15, = 7,9 = 0. The equation of equilibrium

reduces to

This can be written in the following form:

-

r T

+G, =0y (3)









Boundary conditions for a thick cylinder with internal and external pressures p; and po
respectively are:

at I=1; Cr=-p;

andat 1=1, G;=-po

The negative signs appear due to the compressive nature of the pressures. This gives
2 2 2 2
o ~Pii —Pols _5i% (Po—Pi)
1= 2 2 2 2
L =% L =%

The radial stress o; and circumferential stress G are now given by

o, P& Pk 5% (P—P) 1

CPL P, L L (P,—P;) 1

Ce=—3 2 3 2 2
S I, —-L I

It is important to remember that if og works out to be positive, it is tensile and if it is

negative, it 1s compressive whereas o, 1s always compressive irrespective of its sign.






If p,=01.e. there is no internal pressure the stresses o, and o5 reduce to

c =—p°r°- i—l
Sl
o 1}1 ‘ (13)
G =2 B
I, - \r

The stress distributions are shown in figure-9.2.1.4.

Po

9.2.1.4 - Distribution of radial and circumferential stresses within the

cylinder wall when only external pressure acts.









For the outer cylinder the radial and circumferential stresses at the contact

surface may be given by

2 2
| - psrs l_ro i il 3
flg = 2 2 R
L L I
2 2
P,k I
elr-rS 2 2 1+—2
L-g |

In order to find the radial displacements of the cylinder walls at the
contact we consider that e, =B=%(cye —-vo, ). This gives the radial
r

displacement of the inner wall of the outer cylinder as




Simularly for the inner cylinder the radial and circumferential stresses at
the outer wall can be given by

2 2
+ A
cr|r=r5 ==Ps 0'f3|r=rs ==Ps z:: 22

And following the above procedure the radial displacement of the contact

surface of the inner cylinder is given by

The total interference & at the contact is therefore given by

2 2 2 2
| L + +
6=p |: 3 r‘ﬁ"’r‘v r‘):l

r, -1, I, -,

o s

E

This gives the contact pressure in terms of the known variables as follows:














































It was shown in section-9.2 that the contact pressure ps is given by
From (9.3.10), (9.3.11) and (9.3.12) it is possible to eliminate ps and

express tr, in terms of p/ay, and this is shown graphically in figure-9.3.1.5.2.
E&
ps = 2 2 2 2
L 4L E 4L (9.3.12)
™ R
L L L —f
4
Laminated
4 )hgk jacket
B, 3.0 ] ¥
G T8
" 2.0 / 74 = Solid wall
/]
7
1.0 // e
/// -
N % :

012 3456 78
t
I, "
9.3.1.5.2. - Plot of p/oy vs t/n for laminated multilayered, single
jacket and solid wall cylinders.



This shows that even with a single jacket there is a considerable reduction
in wall thickness and thus it contributes to an economic design.

As discussed earlier autofrettage causes yielding to start at the inner bore
and with the increase in pressure it spreads outwards. If now the pressure
is released the outer elastic layer exerts radial compressive pressure on
the inner portion and this in turn causes radial compressive stress near
the inner portion and tensile stress at the outer portion. For a given fluid
pressure during autofrettage a given amount of inelastic deformation is
produced and therefore in service the same fluid pressure may be used

without causing any additional elastic deformation.



























Stress in the composite cylinder

The stresses in the cylinder due to shrinkage only can be found using the
following boundary conditions

atr=150mmao =0 and atr=125mm o, =-10MPa

Following the above procedure the hoop stress at r = 150 mm and r = 125mm
are 45.7MPa and 55.75MPa respectively.

The stress in the inner cylinder due to shrinkage only can be found using

the following boundary conditions

atr=100mmo;=0 and atr=125mm o, =-10MPa

This gives the hoop stress at r = 100mm and r = 125mm to be - 55.55
MPa and — 45.55 MPa respectively.

Considering the internal pressure only on the complete cylinder the
boundary conditions are

atr=150mmo =0 and atr=100mm o =-25MPa

This gives

(68)r =150mm = 40MPa (o8)r=125mm = 49 MPa (o8)r=100mm = 65MPa.




















































































































































































































































































































































































Continuing the discussion on belt tension, the figures though they are
continuous, are represented as two figures for the purpose of explanation. The
driven pulley in the initial stages is not rotating. The basic nature of friction again
suggests that the driven pulley opposes the motion of the belt. The directions of
friction on the belt and the driven pulley are shown the figure. The frictional force
on the driven pulley will create a motion in the direction shown in the figure.
Equilibrium of the belt segment for driven pulley again suggests that T, is higher
than T».

It is observed that the slack side of the belt is in the upper side and the tight side
of the belt is in the lower side. The slack side of the belt, due to self weight, will
not be in a straight line but will sag and the angle of contact will increase.
However, the tight side will not sag to that extent. Hence, the net effect will be an
increase of the angle of contact or angle of wrap. It will be shown later that due to
the increase in angle of contact, the power transmission capacity of the drive
system will increase. On the other hand, if it is other way round, that is, if the
slack side is on the lower side and the tight side is on the upper side, for the
same reason as above, the angle of wrap will decrease and the power
transmission capacity will also decrease. Hence, in case of horizontal drive
system the tight side is on the lower side and the slack side is always on the
upper side.
























G tx 300x1440 —2269m /s

60 x1000

M =btp = x —>_ x10° = 0.005kg /m
10° 10

mv® =2.56 xbN

Now,
n.o,=025x284=0.71

o, =0.20x3.44 =0.688
~.larger pulley governs the design
T,—2.56b
T;_Zw ! eOABBS a 199
power equation
P= (T1 —Tz)x v
. putting data,
(T,-T,)=884.17N
again, T,=2xbx5N
=10bN (from permissible stress)
From (1), (2) and (3), solving for b,
b ~240mm
Hence, the required belt dim ensions are,

Length = 3436mm; breadth =240mm and thickness = 5mm

(1)

(2)

©)






























Design power, P, = service factor (C_ ) x required power (P)
=13x20kW =26kW

The value 1.3 is selected from design data book for the given service condition.

For the design stress in the belt, g’ = o XCoc e

However, design stress, o' for leather belt may be considered as 2 MPa.
Similarly, density of leather belt is 1000 kg/m”.

P :bt(c'—pvl)( 1- L ]v
e

3 o) 2
26x10’=bt(2—l°l’(‘)6’° )(1-

bt =1156.78 mm”

Let us choose standard belt thickness, t =6.5 mm
Therefore standard belt width, b = 180mm

A leather belt of 6.5 mm thickness, 180 mm width and 4110 mm length will
satisfy the design conditions.


































































1)The left hand side of the equation represents
flow under the pressure gradient. 2)The
corresponding right hand side represents a
pressure generation mechanism. 3)In this
equation it has been assumed that the lubricant Z v

is incompressible and Newtonian. The wedge
shape, that was discussed earlier,4)is assumed
to be a straight profile as shown in Fig.14.1.3.
The bearing is very long in the Z direction and
the variation of pressure is in the X and Y
direction. 0O g

14.1.3 The wedge






1)The first term of (14.1.3), p%a—h, represents a physical wedge. 2)The second

2 0x
ou
in pressure generation mechanism.

is known as the stretch. All the three terms of (14.1.3) contribute

term %(ph)

-~

The term, p%in equation (14.1.2) is called squeeze film; with respect to time
(0

how the film thickness is changing is given by this term.

The last term, h%p is the compressibility of the fluid with time and it is termed as
C

compression.

The simplified form of the Reynolds’s equation, (14.1.1), has only the physical

wedge term p-L—JQ-l-
'Y 2ok




























































From the catalogue, C, = 19.6 kN for 50mm inner diameter.

o B W0
C, 19.6

Therefore, value of e from the table (sample table is given in the text above) and
by linear interpolation = 0.327.

Here, T;— =—=0.6>¢e. Hence, X and Y values are taken from fourth column of the

sample table. Here, X=0.56 and Y= 1.356

Therefore, P, =XVP. +YP, = 0.56x1.0x5.0+1.356x3.0=6.867 kN

1 1

~. basic load rating, C =P (L)’ = 6.867 % (86.4)° =30.36 kN

Now, the table for single row deep groove ball bearing of series- 02 shows that
for a 50mm inner diameter, the value of C = 35.1 kN. Therefore, this bearing may
be selected safely for the given requirement without augmenting the shaft size. A
possible bearing could be SKF 6210.
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